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Abstract

The present paper evaluates the effect of the aspect ratio and horizontal length of a high conductivity rectangular fin attached
wall of a three-dimensional differentially heated cubic enclosure in laminar natural convection. The objective is the augmentation o
transfer delivered from the heated wall to the fluid when the volume fraction of the fin is fixed. Two different values for the fin volum
considered: (i) a large fin that occupies 10 percent of the cubic enclosure, and (ii), a much smaller fin that occupies only 0.1 perc
enclosure total volume. The finite element technique was applied for solving the coupled steady-state velocity and temperature fi
3-D domain in the range 103 < Ra < 105, whereRa is the Rayleigh number based on the enclosure height. The numerical results s
that for an enclosure assisted by a large volume fraction fin, the fin aspect ratio does not play an important role, and the averag
transferred to the fluid increases monotonically with the fin horizontal length. For a cubic enclosure assisted by a small volume fra
the average heat flux delivered to the fluid increases with the aspect ratio of the fin, and with the horizontal length of the fin. A scal
was used to predict the domain in which the fin geometry plays a significant role, i.e., when optimization opportunities are present
 2005 Elsevier SAS. All rights reserved.
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1. Introduction

Due to its low cost and apparent simplicity, natural co
vection cooling (or heating) has always been an attrac
technique in thermal engineering. The applications in wh
it is used are countless, embracing many technical fields
amples are energy storage systems, thermal control of
tronic devices and buildings. Such variety of applicatio
has generated a large body of work that studied buoya
driven flows in several configurations and different bou
ary conditions. One of the most examined configurati
is the differentially heated cavity. Starting with Bénard [
the behavior of such enclosured self-driven flows has b
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-

reported analytically, experimentally and numerically in s
eral articles [2–7].

Nowadays, the demand for greater compactness is
companied by a corresponding increase in volumetric
surface power dissipation. There is therefore a current
to pursue better configurations in order to maximize h
transfer rate. In spite of the constant pressure for more
cient heat transfer devices based on known techniques
as natural convection inside a cavity, very few papers d
with optimization of thermal performance [3,8,9]. Most
the bodywork found is of descriptive nature [10,11], in no
of them heat transfer augmentation under global constra
was the main concern. This motivates the present stud
further investigate theoretically and numerically the beh
ior of a class of improved enclosures.

The aim is to determine the ideal geometric feature
a rectangular fin that maximizes the thermal performa

of a differentially heated three-dimensional cubic enclosure
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Nomenclature

a fin width . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
A area . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m2

b fin length . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
c fin height . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
cP specific heat . . . . . . . . . . . . . . . . . . . . J·kg−1·K−1

g gravity . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m·s−2

H cavity height . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
i iteration index
k thermal conductivity . . . . . . . . . . . . W·m−1·K−1

L cavity length . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
n normal vector
P pressure . . . . . . . . . . . . . . . . . . . . . . . . . . . . N·m−2

Pr Prandtl number
q̃ dimensionless heat transfer rate
R residual vector
Ra Rayleigh number, Eq. (11)
T temperature . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . K
Th hot wall temperature . . . . . . . . . . . . . . . . . . . . . . K
Tc cold wall temperature . . . . . . . . . . . . . . . . . . . . . K
u,v,w velocity components . . . . . . . . . . . . . . . . . . m·s−1

u solutions vector
V cavity volume . . . . . . . . . . . . . . . . . . . . . . . . . . . m3

Vf fin volume . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m3

x, y, z Cartesian coordinates . . . . . . . . . . . . . . . . . . . . . m
W cavity width . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m

Greek symbols

α thermal diffusivity . . . . . . . . . . . . . . . . . . . m2·s−1

β coefficient of volumetric thermal
expansion . . . . . . . . . . . . . . . . . . . . . . . . . . . . . K−1

λ fin aspect ratio
µ viscosity . . . . . . . . . . . . . . . . . . . . . . . . . . N·s·m−2

ν kinematic viscosity . . . . . . . . . . . . . . . . . . m2·s−1

ρ density . . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg·m−3

φ fin volume fraction

Subscripts

fin relative to the fin
fluid relative to the fluid
h hot
opt optimal
c cold

Superscript

(∼) dimensionless variables
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when the fin is attached to the hot wall of the enclosure. D
to cost and weigh constraints, the total volume of the fin w
fixed. Two degrees of freedom were varied in order to
termine the ideal configuration of the fin: the fin horizon
length, and the fin aspect ratio. The numerical results c
the range 103 � Ra � 105. We delineate the conditions fo
which optimization opportunities are present, i.e., the ra
where the fin geometry plays a significant role for maxim
ing the total heat transfer rate.

2. Mathematical modeling

Consider the three-dimensional cubic enclosure diffe
tially heated shown in Fig. 1. The left and right vertical wa
are kept at uniform temperatures equal toTh andTc respec-
tively, whereTh > Tc. The top, bottom, front and rear wal
are considered perfectly adiabatic. The temperature di
ence between theTh andTc walls triggers buoyancy drive
flows inside the cavity. Nonetheless, (Th − Tc) is assumed
small enough so that the Boussinesq approximation is v

In general, heat transfer and fluid flow are greatly m
ified (enhanced or reduced) by the presence of an obs
in a cavity [8–12]. In this paper, the “obstacle” considere
an internal fin made of a high thermal conductivity mater
and it serves the function of enhancing the heat transfer
from the hot to the cold wall. The fin is attached to the cen
of the hot wall, and its dimensions area, b andc, as shown

in Fig. 1. The flow is assumed to be laminar, and the ther-
Fig. 1. The physical geometry and coordinate system.

mophysical properties are considered constant. The pre
analysis is based on the steady-state version of the con
ative equations for a Newtonian fluid,

∂ũ

∂x̃
+ ∂ṽ

∂ỹ
+ ∂w̃

∂z̃
= 0 (1)

(
Ra

)1/2(
∂ũ ∂ũ ∂ũ

)
∂P̃ 2
Pr
ũ

∂x̃
+ ṽ

∂ỹ
+ w̃

∂z̃
= −

∂x̃
+ ∇ ũ (2)
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(
Ra

Pr

)1/2(
ũ

∂ṽ

∂x̃
+ ṽ

∂ṽ

∂ỹ
+ w̃

∂ṽ

∂z̃

)
= −∂P̃

∂ỹ
+ ∇2ṽ (3)

(
Ra

Pr

)1/2(
ũ

∂w̃

∂x̃
+ ṽ

∂w̃

∂ỹ
+ w̃

∂w̃

∂z̃

)

= −∂P̃

∂z̃
+ ∇2w̃ +

(
Ra

Pr

)1/2

T̃ (4)

(Ra Pr)1/2
(

ũ
∂T̃

∂x̃
+ ṽ

∂T̃

∂ỹ
+ w̃

∂T̃

∂z̃

)
= ∇2T̃ (5)

where∇2 = ∂2/∂x̃2 +∂2/∂ỹ2 +∂2/∂z̃2, and the dimension
less variables are defined as

(x̃, ỹ, z̃, L̃, W̃ , ã, b̃, c̃) = (x, y, z,L,W,a, b, c)

H
(6)

(ũ, ṽ, w̃) = (u, v,w)

(α/H)Ra1/2Pr1/2
(7)

T̃ = T − Tc

Th − Tc
(8)

P̃ = P

(µα/H 2)Ra1/2Pr1/2
(9)

In Eqs. (7) and (9),Ra is the Rayleigh number (Ra =
gβ�T H 3/να), andPr the Prandtl number.

There is no flow in the fraction of the volume occupi
by the fin (solid), and therefore only the energy equat
(conduction) needs to be solved in that portion of the
main,∇2T̃ = 0. The boundary conditions are: non-slip a
no penetration for all surfaces inside the enclosure,T̃ = 1
on the left vertical wall and̃T = 0 on the right vertical wall,
∂T̃ /∂n = 0 for the top, bottom, front and rear walls, whe
n is the respective normal vector. Because the fin is attac
to the hot wall, the temperature at its base is the same a
one of the hot wall,T̃ = 1. The temperature profile in th
volume occupied by the fin is solved simultaneously w
Eqs. (1)–(5) for the fluid portion of the domain. Just like t
other thermophysical properties, the fin conductivitykfin is
assumed constant. In most of the simulations, a typical v
of 6500 has been specified for the fin-to-fluid thermal c
ductivity ratio k̃ = kfin/kfluid. This value has been obtaine
by considering an aluminum fin in an air filled cavity, at a
proximately 300 K.

3. Computational details and code validation

The differential system composed of Eqs. (5)–(9) w
solved in the cubical domain of volumẽH × L̃ × W̃ = 1,
which includes the volume occupied by the fin, by us
a finite element code [13]. The numerical domain was
cretized non-uniformly by using 27 cubical nodes. The
plicit appearance of the pressure was eliminated based

penalty function, with an error factor of 10−8. By using the
e

a

pressure penalty function, the pressure is replaced in the
mentum equations by

P̃ = −ε̃−1
(

∂ũ

∂x̃
+ ∂ṽ

∂ỹ
+ ∂w̃

∂z̃

)
(10)

where ε̃ = ε/µ, and the continuity equation is discarde
The nonlinear equations resulting from the Galerkin finite
ement method were solved by the modified Newton sche
The selection of this solution method for the nonlinear eq
tions stems from the fact that by applying the modified Ne
ton scheme, we avoid the computational expenses assoc
with the solution of a large matrix at each iteration. T
modified Newton scheme does not compute a new Jaco
at each iteration, instead it fixes the iteration operator. T
scheme can be far more economical than the well-kn
Newton–Raphson method as the factorization of the J
bian matrix is required only at the first iteration. Howev
the savings in computational time is gained at the expens
slower convergence. The upwind formulation, which has
effect of weighting the advection operators toward the
stream direction, was also used to control the inherent in
bilities trigged at relatively high values of Rayleigh numb
(i.e.,Ra � 105). The convergence criteria used was

‖u(i) − u(i−1)‖
‖u(i)‖ � 0.001 and

‖R(u(i))‖
‖R(u(0))‖ � 0.001 (11)

whereu is the solution vector,i is the iteration index andR
is the residual vector.

In the present study, the computational time required
achieve the stipulated convergence criteria varied betwe
and 12 hours forRa = 103 andRa = 105 respectively, on a
Sun Blade 1000 (Ultra Spark III) Unix machine.

A grid refinement was performed for each value of
Rayleigh number. The grid tests showed that a unifor
spaced mesh could be used inx andz direction. However
in y direction a non-uniform mesh was selected, with
smaller elements located close to the hot wall. For Rayle
number 103 and 104, the mesh independence was achie
with 21 nodes per unit of dimensionless length for the th
axes. ForRa = 105, 31 nodes per unit of dimensionle
length were used.

The accuracy of the grid and of the code was verified
comparing the results obtained for a finless cubic enclo
with the available literature [14–16]. The figure of merit s
lected was the overall heat transfer rate at the hot wall, w
is equivalent to the averaged Nusselt number, and is de
as follows

q̃ = q

kfluidH(Th − Tc)
=

1∫
0

1∫
0

∂T̃

∂ỹ

∣∣∣∣
ỹ=0

dx̃ dz̃ (12)

Numerical tests show that the overall heat transfer
q̃ in the finless enclosure, Eq. (12), presents an ag
ment within 5 percent when compared with the literat
throughout the range 103 < Ra < 105. This is an impor-

tant verification that demonstrates the equivalence between
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different numerical approaches: Fusegi et al. [14] app
finite difference technique, Ha and Jung [15] used finite v
ume, and we are using finite elements. The numerica
sults are also consistent with analytical expressions der
in Ref. [2], i.e., thatq̃ scales asRa1/4, or more precisely
q̃ = 0.364(L/W)Ra1/4.

4. Fin volume constraint and fin geometry

Our objective is to study how the shape of the fin infl
ences the overall heat transfer rate from the hot to the
wall. It is obvious that the presence of the fin (extended
face) increases the solid–fluid surface area. At the same
however, it modifies significantly the fluid flow pattern sin
the fin also acts as an obstacle or a partition. Conseque
both aspects influence the total heat transfer rate define
Eq. (12): the extension of the heat exchange area betw
the fluid and heated solid surfaces, and the modificatio
the flow pattern.

In the pursuit of the better configuration, we consider t
the total fin volume is constrained. In other words, onl
given amount of high conductivity material is available. F
ing the fin volume or mass is equivalent to fixing the fract
φ of the enclosure occupied by the fin,

φ = ãb̃c̃ (13)

Because of weight and cost limitations, the volume of
fin is much smaller than the volume of the enclosure, he
φ � 1.

Thanks to fin volume constraint, Eq. (13), only two d
grees of freedom (DOFs) are required to fully characte
the fin geometry. We choosẽb and λ = c̃/ã as these two
DOFs. The first one corresponds to the length of the fin.
other DOF,λ, represents the cross-sectional aspect rati
the fin. Whenλ = 1, the fin has a square cross-section. T
extremesλ � 1 andλ � 1 correspond respectively to a ho
izontally and vertically positioned fin.

With the constraint shown in Eq. (13), the exposed a
of the fin, i.e., the surface in contact with the fluid, can
written asA/H 2 = [2(1 + λ)(b̃φ/λ)1/2] + φ/b̃. It is essen-
tially an increasing function of the fin length̃b, and is larger
whenλ � 1 andλ � 1.

It is worth to point out that, whenφ is large, the tota
heat transfer rate is maximum when the fin touches the
wall, establishing a conduction ‘thermal bridge’. This ha
pens because there is no heat flux ‘strangulation’ throug
the fin. In such a configuration, the heat transfer through
fin scales askfin(Th −Tc)ac/L, i.e., in view of the constrain
(13) and in terms of the dimensionless variables introdu
above:q̃fin,conduction∼ k̃φ. In Section 3, we noted that th
heat transfer rate in the finless cavity scales asRa1/4. In the
limit of q̃fin,conduction� q̃fluid,convection, the best design is a
ways the one where the fin touches the cold wall. In t
case, most of the heat will be evacuated by conduction

this high conductivity path (i.e., the fin). The optimization of
,

,

the fin geometry to maximize the heat transfer rate is cru
when natural convection plays a significant role in front
the ‘thermal bridge’ effect described above. Based on s
arguments, this suggests that, in view of the heat tran
rate, fin geometric optimization is ‘meaningful’ when

Ra1/4

k̃φ
� 1 (14)

For example, whenRa = 105 and k̃ = 6500, one can cal
culate that the criticalφ for the natural convection to pla
a significant role before the ‘thermal conduction bridge’
fect is of the order of 10−3. If φ is larger than that value, th
heat transfer rate is not significantly affected by the cro
sectional aspect ratio.

An additional remark has to be made in line with t
previous discussion. In many previous studies on finned
closures [12], the fin surface temperature was consid
constant, and equal to the temperature of the wall to wh
it is attached. The constant temperature boundary cond
is based on the assumption that the fin conductivity is v
large (̃k → ∞). It is clear, in view of the heat transfer ra
maximization, that this idealization is flawed. Ifk̃ is infi-
nite, then the best configuration is always the one where
fin touches both walls (̃b = 1). The heat transfer rate in th
case is also infinite, no matter what the fin cross-sectio
aspect ratioλ is. In summary, the whole issue of optimizin
the fin geometry stems from the finiteness ofk̃.

5. Numerical results: effect of the fin geometry on the
heat transfer rate for Ra1/4/(k̃φ) � 1

In this section, the focus is on finned cavity with a sm
value of Ra1/4/(k̃φ) that is, when the conduction therm
bridge effect takes place. The value ofφ andk̃ are set equa
to 0.1 and 6500 respectively. This ensures that even for l
Rayleigh number (e.g.,Ra = 105) the numberRa1/4/(k̃φ) is
still small.

For low Rayleigh number (Ra = 103), diffusion (conduc-
tion) is the dominant heat transfer mechanism in the c
ity. In other words, buoyancy forces are not strong eno
to trigger significant convection. A coarse one-dimensio
analysis based on the concept of thermal resistance ca
applied to obtain the scale for̃q. The finned cavity can b
reduced to a system of three thermal resistances. The
resistance is due to heat conduction from the base to t
the fin,b/(kfinac). In series with the first resistance, there i
second one corresponding to conduction in the fluid layer
tween the tip of the fin and the cold wall,(L − b)/(kfluidac).
Finally, conduction from the hot wall surface not covered
the fin (HW − ac) to the cold wall is accounted for with
third resistance,L/[kfluid(HW − ac)], in parallel with the
two previous ones. Using the dimensionless parameter
troduced above, the total heat transfer rate reads as:

φ(k̃ − 1)

q̃ = 1+

k̃ − b̃(k̃ − 1)
(15)
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Fig. 2. The effect of the fin length and aspect ratio on the overall heat tr
fer rate whenRa1/4/(k̃φ) < 1.

Becausẽk � 1, Eq. (15) can be approximated byq̃ ∼ 1 +
φ/(1 − b̃), provided thatb̃ 	= 1. Eq. (15) shows that̃q is
an increasing function of̃b, and that it is essentially inde
pendent of the fin cross-sectional aspect ratio,λ. This is
also revealed in Fig. 2 (open symbols), where the num
cal results have been reported forRa = 103. It is clear from
Fig. 2 and Eq. (15) that the maximum heat transfer rate
Ra = 103 is achieved when the fin tip touches the cold w
(b̃ = 1), in which case Eq. (15) yields̃q ∼ 1+ k̃φ. The solid
line presented in Fig. 2 is an adjusted version of Eq. (1
which shows that in the limit of̃k � 1, the numerical result
for the heat transfer rate correlate within 11 percent with

(q̃ − 1)(1− b̃)

φ
∼ 3 (16)

As expected from Eq. (15), the number on the right-h
side of Eq. (16) is a number of order 1. When the Rayle
number increases, natural convection gains in inten
When Ra is of the order of 104 (solid symbols, Fig. 2)
a modification of the dominant heat transfer occurs. O
observes a transition from a conductive to a convec
heat transfer regime, where the heat transfer rate for
ferent values ofλ are not as perfectly superimposed as wh
Ra = 103. Finally, Fig. 2 also presents the heat transfer ra
for a cubic enclosure with a relatively large Rayleigh nu
ber (Ra = 105). In this case, buoyancy forces are sufficien
large to generate internal convective movements, and
shape of the fin (i.e.,̃b andλ) obviously influences the fluid
flow pattern. We observe, that unlike the results forRa = 103

and 104 shown in Fig. 2,q̃ now varies slightly withλ. In
spite of that, the effect ofλ on q̃ is still modest compare
with the effect ofb̃. Noting that, for a fixed̃b, the overall hea
transfer rate for the configuration withλ = 8 is only slightly
larger thanq̃ for λ = 0.125. On the other hand, if the a
pect ratio is held fixed,λ = 1 for example,̃q increases by 30
percent fromb̃ = 0.3 to b̃ = 0.9, which emphasizes the im
portance of the parameterb̃ on the enclosure performanc

The low impact ofλ on q̃ presented in Fig. 2 is in agree-
Fig. 3. The effect of the fin length and aspect ratio on the overall heat tr
fer rate whenRa1/4/(k̃φ) ∼ 1, andRa1/4/(k̃φ) > 1.

ment with the transition proposed in Eq. (14): the larg
value of the parameterRa1/4/(k̃φ) in Fig. 2 is 0.0273, henc
Ra1/4/(k̃φ) < 1.

6. Numerical results: effect of the fin geometry on the
heat transfer rate for Ra1/4/(k̃φ) ∼ 1

Differently from all the numerical simulations reporte
up to this point, Fig. 3 presents the effect of the fin
pect ratio on the heat transfer rate for a fin that occu
only 10−3 of the volume of the enclosure and has a c
ductivity of k̃ = 6500 (open symbols). At high values of th
Rayleigh number (Ra ∼ 105), the results in Fig. 3 show tha
the adequate selection of the fin aspect ratio (i.e.,λ � 1)

can increasẽq by 15 percent when compared withλ � 1.
Because of the limited amount of high conducting ma
ial, the temperature distribution in the fin is not unifor
especially whenb̃ gets close to 1. Consequently, the h
transfer rate forRa � 104 does not increase drastically wi
the fin length,b̃. Furthermore, as the Rayleigh number
creases, the shape of the curves with constant aspect
changes. For low Rayleigh number,Ra = 103, the heat trans
fer rate is mainly a function of̃b, and the best configuratio
occurs wheñb = 1. ForRa = 105, the behavior of both con
stantλ curves suggests the existence of an optimalb̃ < 1 for
Ra > 105.

However, regardless of the Rayleigh number, the best
formance is achieved whenλ � 1, which corresponds t
a vertically positioned fin that divides the cubic enclos
in two sub-cavities, each one of sizẽH × L̃ × W̃/2. The
worst design in terms of the overall heat transfer rate is w
λ � 1, i.e., when the fin is essentially a horizontal surfa
that creates two sub-cavities of dimensionsH̃ /2× L̃ × W̃ .

The trend discussed above could have been anticip
from known finless cavity studies (Refs. [3–8]), by recogn
ing that in an enclosure fully filled by fluid, thex-dimension

of the cavity (W ) has a weak influence on the heat trans-
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fer and fluid flow pattern as long as it is larger thanδT, the
boundary layer thickness. However, according to the av
able literature, the ratio (H/L) plays an important role on th
thermal performance of differently heated cavities. Furth
more, studies of two-dimensional cavities in they–z plane
have demonstrated the existence of optimal aspect
(H/L)opt, which enhances heat transfer and fluid flow. F
example, according to Refs. [3] and [8], the optimal asp
ratio is 1.66� (H/L)opt � 1.37 for 103 � Ra � 3× 104. In
any case, this optimal aspect ratio is a number slightly la
than 1.

In the present study, the condition(H/L) � 1 is satis-
fied for the sub-cavitiesH̃ × L̃ × W̃/2 in the limit λ � 1,
and thus fluid flow patterns are not greatly modified co
pared with the finless cavity. However, in the limitλ � 1 the
dimensions of the two sub-cavities arẽH/2 × L̃ × W̃ , i.e.,
that the aspect ratio is these sub-cavities is now 1/2 which
compares unfavorably with the aspect ratio of 1 in the o
limit (λ � 1). The former is thus closer to the cavity optim
aspect ratio and leads to larger heat transfer rate and
intense fluid flow.

7. Numerical results: effect of the fin geometry on the
heat transfer rate for Ra1/4/(k̃φ) � 1

Next, we examine the optimization opportunities wh
Ra1/4/(k̃φ) is large. To overcome the numerical difficu
ties related with large Rayleigh numbers or smallφ-values,
the value ofk̃ has been decreased to 65 in order to
tain Ra1/4/(k̃φ) � 1. Note that even though̃k is now much
smaller than in the previous two sections, we still havek̃ �
1, as dictated by the requirement to enhance the heat tra
rate. The results reported in Fig. 3 (i.e., solid symbols) sh
that the shape of the curves for fixedRa andλ are different
from the ones obtained in the previous sections (k̃ = 6500).
In the present case, the heat transfer rate is almost unaff
by b̃. Note that the heat transfer rate withλ � 1 (vertically
positioned fin) is always the largest, no matter what Rayle
number is considered. This is explained by the optimal sh
of the sub-cavities, Section 6. The best geometry, howe
is not necessarily achieved whenb̃ = 1, which is different
from the previous cases.

8. Conclusions

The numerical results presented in this paper con
the importance of the fin geometry in particular when
condition described by Eq. (14) is met. Fig. 4 shows
comparison between the theoretical transition determine
Eq. (14), and the numerical results. The symbols show w
the numerical simulations presented previously in Figs
and 3 lie in theRa–φ plane. The gray shadow represe
the region discussed in Section 5 (i.e.,φ > Ra1/4/k̃). In this

limit, the amount of high conductivity material is large and
r

d

Fig. 4. The range in which the optimization opportunities in terms
cross-section aspect ratio lie in the (Ra–φ) plane, and the position of th
numerical simulation in that plane.

the optimization of the fin geometry is not essential, es
cially for low values ofRa. In the lower region, the ope
symbols suggest that conduction and convection heat tr
fer are at least of the same order of magnitude and the a
ratio of the fin is an important parameter on the overall p
formance of the enclosure (Ra1/4/(φk̃) > 1, Section 7). For
the transition region (Section 6), the overall heat transfer
delivered by the hot wall,̃q, increases with the fin horizon
tal length,b̃, even though the fin volume fraction is sm
(φ > 10−3), regardless of the fin aspect ratio. Also, valu
of λ � 1 are recommended close to the transition.

Additionally, for the limits discussed in Sections 5 a
6, the numerical results show that the best performanc
the assisted cubic enclosure happens when the fin con
physically to the hot and cold walls, establishing a ‘th
mal bridge’. However, for fins of small volume fractio
φ ∼ 10−3 and low conductivity (Section 7), the overall he
transfer ratẽq is essentially independent of the fin length.

Finally, we want to emphasize the idea that the mod
ing of a heat and fluid flow system should be guided by
system objectives and constraints. The objective of the
is to enhance the overall heat transfer rate. Using a con
fin temperature approximation would lead to an “ill-pose
problem when the fin touches both walls, which is actua
the optimal configuration in the limitRa1/4/(φk̃) < 1, but
not necessarily in the other limit,Ra1/4/(φk̃) > 1. It is thus
necessary to solve the temperature equation within the fi

the quest for optimally finned cavity.
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